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ABSTRACT
This thesis focuses on a high frequency, high power density (8 hp/lb), 1 MW
power output electric motor design to double the power density of electric
machines, bringing us closer to electrified propulsion. This thesis focuses on
the mechanical analysis and design for a specially designed 1 MW permanent
magnet synchronous electric machine.
First of all the design intention or design topology will be explained. A
high speed, high frequency, permanent magnet synchronous machine is de-
signed. An inside-out configuration was chosen for its high peak efficiency
and large tip speed. There are also other innovative designs such as Hal-
bach array magnets and air gap windings. Combination of these designs
does impose challenges for the mechanical design of the motor. Not only
does mechanical integrity like strength need to be considered, but dynamic
performance, vibration and thermal performance would also face more chal-
lenges when it comes to actual operation. The thesis will first go over some
trade-off study and analysis before we introduce our design. Then the the-
sis mainly addresses analysis for rotor dynamics as well as fan performance.
Design challenges are analyzed by analytical equations, numerical methods
like finite element analysis and finally test results.
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CHAPTER 1 INTRODUCTION
The history of electric machine development can be traced back over 100
years. However with more attention to electric transportation, electrification
technology is undergoing a worldwide renaissance. With the booming of high-
end electric cars like Tesla, people have come to embrace the change caused
by electric cars, their boost of performance and environmental friendliness.
With electrical cars for example, economically-oriented customers do not
need to spend money on gasoline but only electricity, which is cheaper with
no worry about diminishing gas supply. Compared to traditional internal
combustion engine, electric motors are also more friendly to the environment
because they do not generate gas from combustion and they provide a better
driving experience with the characteristics of electric machine.
This chapter introduces both the research project and the design. The
motivation behind the development of a novel design electric motor will be
discussed as well as background of some studies. The high-frequency high-
speed electric motor is aimed to achieve electric propulsion for Boeing 737
class commercial airplanes. With the scenario being specified, either the
operation requirement of aircraft or need for high specific power leads to lots
of challenges including structural, dynamic and thermal. For each section,
the design approach will be explained. Analytical equations will be given.
Results obtained from numerical methods like finite element analysis will be
compared with test results to verify reliability of the approach.
1.1 Motivation
As it is well known that electric cars are getting more and more popular
among customers, more and more auto makers are trending toward electric
or hybrid-electric vehicles. Nowadays high-end electric vehicle markets are
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dominated by Tesla. More and more people prefer Tesla electric cars to
other luxury cars like Porsche and Mercedes. The reason is also complex.
Not only do electric cars save lots of gasoline and maintenance expenditure,
but also the operation characteristics of electric motors allow electric cars to
provide better performance and driving experience in addition to the envi-
ronmental benefits. Seeing the booming of electrification in automobiles, big
aircraft manufacturers like Boeing and Airbus have been thinking about the
possibility of electrified propulsion. While automakers are pretty satisfied
with today’s battery energy density and motor performance, breakthrough
in these areas will most likely be initiated by aircraft companies meaning
that more time and testing for safety will be needed to make substantial
changes. Moreover, aviation technology always comes with long-term devel-
opment and slow technology transition because of strict protocols. However,
big players in the aviation field like NASA are still actively working toward
achieving electrified aviation.
According to the International Air Transport Association (IATA), there
were 2.4 billion passengers and 40 million tons of goods transported by air
transportation tools in 2010. By the year 2050, the number will rise by 10
times as claimed in [1].
Also according to the US Department of Transportation, US jet fuel con-
sumption market is 50 billion every year. So if there is any possibility for
electrified aviation and improved power density as well as efficiency for elec-
trified jet engine, it would come with tremendous profits economically and
environmentally as shown in [2].
Besides the power density of electric motor for state of the art, the other
important problem before electrified aviation can be achieved is energy den-
sity of the battery. Battery development has been going on for decades.
Researchers keep having problems increasing the battery’s energy density
which means that to travel equal distance, aircraft would need to carry a
bigger battery increasing the cost of the trip. If battery energy density can
be increased, it would revolutionize aviation electrification. Energy density
for jet fuel is 46 MJ/kg while rechargeable batteries have energy density of
0.875 MJ/kg. With almost one order of magnitude smaller energy density
for battery, it is not realistic right now to picture pure electric aircraft for
long-distance trips. However, it would be beneficial for us to think about
pure electric for short distance and hybrid-electric for long distance.
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Figure 1.1: Roadmap of electric machine’s specific power [3]
1.2 Problem Definition
As is discussed above, improvement of electric machine power density is a
key component to achieve electric aviation. To achieve high power density,
electric machines should be able to generate maximum output power with
minimum weight. Electric machines for state of the art are not able to meet
the power density requirement to be utilized on electrified propulsion on
larger commercial aircraft. As a result, development of a high power density
electric machine is critical to achieve pure electric or hybrid electric aircraft.
NASA has been investigating the megawatt-level electric machine that
can actually be used to develop hybrid electric aircraft as in [4]. Power
density of electric machine for state of the art is at around 4 hp/lb. A road
map of their prediction for development of electric machine power density
with different types of topology was developed as shown in figure 1.1. With
cryogenic superconducting methods, in spite of larger technical challenges,
power density is predicted to reach 20 hp/lb in 2030. With conventional and
non-cryogenic methods, power density is predicted to reach 10 hp/lb in 2025.
With such prediction, NASA is trying to develop an electric motor with a
power density of 8 hp/lb through cooperation with the University of Illinois
team.
From the benchmarking map of electric machines today in figure 1.2, it
is easy to see that for electric machine with output power in MW level, the
specific power is lower than 5 kW/kg. As a result, if the electric machine
specific power with such scale could be increased to 8 hp/lb which is 13
kW/kg, it would bring electrified propulsion much closer to reality.
As is introduced above, with conventional and non-cryogenic methods to
double power density of electric motors for state of the art, designers and
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Figure 1.2: Benchmarking of electric machine power density [4]
engineers will come across challenging problems to push every specification
to the limit. For example, to increase power density, the motor should be
designed to operate at extremely high tip speed. Moreover it also needs to be
light and strong enough to hold every component in place in actual operation.
With that being said, lots of challenges are posed to thermal solution of the
system as well.
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CHAPTER 2 ELECTRICAL-MECHANICAL
ANALYSIS AND TRADE-OFF
Cooperation between NASA and the University of Illinois team has been
going on for four years. This chapter explains the electro-mechanical analysis
conducted to achieve high power density which also introduces the mechanical
challenges like structural and dynamics problems that are in later chapters.
As mentioned before, a high speed, high frequency permanent magnet syn-
chronous machine was proposed and optimized. The design was successfully
modeled as shown in figure 2.1 with key parameters shown in table 2.1.
Induction machine and permanent magnet synchronous machine (PMSM)
are the most common choices when it comes to high power density and
high efficiency electric machines. For example, automobile companies all
have their electric cars equipped with either induction machine or PMSM.
However due to the characteristic of each machine, the induction machine
does have better efficiency at high speed because it avoids the magnet loss
with an adjustable B field using winding. However, PMSM does have higher
torque and power density. Moreover, it is compact and easy to control. As a
result, the topology of PMSM was selected as the proposed solution for this
problem.
Table 2.1: Machine rating
Key parameters Values Units
Rated power 1 MW
Rated torque 665 Nm
Rated efficiency 96 %
Specific power 13 kW/kg
Nominal speed 15000 rpm
Cooling, forced
air
>20 m/s
Total machine
weight
167.2 lbs
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Figure 2.1: Cad model of proposed design on Creo
2.1 Electrical Analysis and Trade-off
To achieve high power density, the PMSM is designed to operate at high
speed when power equals torque times speed. It is designed to rotate at 15000
RPM. From figure 2.1, we can see that outside of the rotor there is a non-
magnetic retaining ring made of carbon fiber. It prevents the magnets from
having large radial expansion that in turn increases air gap and diminishes
power output. Compared to a conventional internal rotor electric motor,
radial expansion is much smaller because mass is all contributed on the axis
which gives it a small moment of inertia with respect to axis. But with an
inside-out configuration, radial expansion is large and needs to be considered
because magnets are attached with some distance from rotation axis.
Another important factor other than output power to achieve high power
density is weight reduction. One of the design approaches is to integrate high
pole count for the machine. As a result, the machine is designed to have 20
poles. With a higher pole count, flux in each pole can be reduced as shown
in [5]. Flux density on the stator back yoke can also be reduced. Saturation
of the back yoke can then be avoided. However with the high speed and high
pole count mentioned above, the electrical frequency of the machine will be
very high. With a fundamental frequency of 2.5 kHz, it would bring lots of
challenges to the drive design as well as high AC losses in the copper winding
that result in more pressure on thermal solution.
Furthermore, to minimize AC copper loss, Litz wire is actually used as
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Figure 2.2: Litz wire
armature conductor for stator as shown in 2.2. Extensive electromagnetic
analysis has been conducted to maximize performance of the high speed
permanent magnet machine. While DC copper loss is usually characterized
as I2R, AC copper loss is mainly due to skin effect and proximity. Skin effect
is mainly induced eddy current which acts as resistance in conductors. Litz
wire can reduce skin effect by having multiple strands tangled in one bundle
so the alternating magnetic fields from all strands can cancel each other out to
minimize ac copper loss. However it also brings other considerations because
Litz wire is usually more expensive. Moreover, the complicated structure of
Litz wire brings more challenges to the thermal solution as shown in [6].
Another approach to reduce weight is not using any rotor back iron but
only magnets on the rotor in Halbach array configuration. As mentioned
before, the goal is to minimize weight as much as possible. Removing rotor
back iron not only can reduce weight, but also decrease iron loss of the
machine. The reason why rotor back iron is not needed is that Halbach
array magnet can provide a sinusoidal magnetic field inside the perimeter of
the magnet with almost zero magnetic field on the outer side of magnet. And
no rotor back iron is then needed to isolate or conduct magnetic field.
Regarding the approach on stator to further reduce weight, air gap wind-
ing is used to minimize iron or stator material. Usually stator windings
are wrapped between stator teeth so that stator teeth would take a role in
conducting magnetic field. But air gap winding eliminates stator teeth to
reduce stator material and weight. However it does come with drawbacks
like weaker coil flux linkage, more thermal solution consideration and less
assembly integrity.
High performance material is also used throughout the whole model to
reduce weight. Lots of effort has been put into finding the lightest material
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Table 2.2: Bill of materials
Part Material Weight [lb] old
Retaining Ring IM7/PEEK carbon fiber 10.9
Rotor Shell Ti 6Al 4V Titanium 27.67
Magnet Samarium Cobalt/NdFeB 41.3
Winding Copper 14
Stator Yoke Hiperco 50 Steel 20.4
Heat Sink Aluminum 13.6
Ground Cylinder Aluminum 7075 6.9
Bearing 52100 Steel 5.7
Ground Ring Aluminum 1
Lock Nut Aluminum 0.4
Fan (design) Ti 6Al 4V Titanium 1.8
Stator Ring Aluminum 0.5
Total weight - 144.2
Budget weight - 168
for each component that can withstand the operating conditions. For ex-
ample, outside of the rotor shell is a rotor retaining ring which is made of
carbon fiber to reduce radial expansion. Rotor shell and fan parts are made
of titanium grade 5 which is lighter than stainless steel but with a higher
Young’s modulus, i.e., strong mechanical performance property. The stator
is made of laminated cobalt iron, and the heat sink is made of aerospace
grade aluminum. The bill of materials is shown in table 2.2.
With all the design approaches mentioned, it is easy to see that the design
does come with tremendous challenges in all aspects because it tries to push
power density of electric machine to its limit. As a result, NASA, sponsor of
the Fixed-Wing Project, collaborated with University of Illinois team to ex-
plore more possibilities in this PMSM project to find potential breakthroughs
in the field.
With the electrical analysis and design approaches taken to achieve an
output power of 1 MW, there are lots of mechanical, dynamics and ther-
mal challenges to overcome. For the following chapters, analysis and tests
will be presented in mechanical analysis, rotor dynamics analysis and fan
performance respectively.
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CHAPTER 3 MECHANICAL ANALYSIS
Due to the nature of high speed rotation, mechanical strength needs to be
considered for the rotor shell. To quantify mechanical yield condition on the
rotor shell, the calculation is shown below.
One of the assumptions made is that radial displacement on the rotor shell
is small enough that it would not change the diameter of the components.
First of all, force on the rotor shell due to centrifugal force of the magnet needs
to be calculated. As it is known that centrifugal force of a rotating object is
m2r , force on the rotor shell is calculated as follows. Then pressure due to
centrifugal force on the inner surface of the rotor shell can be calculated by
the division of force and rotor shell inner surface area.
Force on rotor shell:
F = mω2r = ρmπ (r
2
2 − r21) ∗ L ∗ ω2 ∗ r2+r32
Pressure:
p = F/A =
ρmπ(r22−r21)∗L∗ω2∗
r2+r3
2
2πr2L
where notations for variables are defined in table 3.1.
Table 3.1: Symbols metrics
Rotor Inner Radius r1 x 2+1.15 mm
Magnet Outer Radius r2 x 3 mm
Rotor Outer Radius r3 159.13 mm
Shell Thickness t = r 2-r 1 x 3-x 2-1.15 mm
Magnet Density ρ m 7.5 g/cm3
Shell Density ρ r 4.43 or 7.32 g/cm3
Rotation Speed 15,000 rpm
Stack Length L 241.4 mm
Yield Stress of Shell σ 2 1450 or 1930 Mpa
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To analyze the stress distribution of rotor shell due to magnet rotation,
composition of stress components due to centrifugal force needs to be identi-
fied. With the centrifugal force due to magnet rotation, stresses on rotor shell
can be identified as hoop stress, radial stress, and axial stress accordingly.
Hoop stress is described as the stress portion radially along the perimeter
of the rotor shell. It is the largest portion when it comes to stress due to
centrifugal force or uniform inner pressure of pipe. Radial stress is the stress
portion with a direction of pointing radially outward. Axial stress is the
stress composition which is mainly the stress caused by transverse contrac-
tion deformation due to expansion of the rotor shell. From pressure caused
by centrifugal force of the magnet, these three stresses could be calculated
with equations shown below.
When the ratio of diameter to shell thickness is larger than 20 for hoop
stress calculation, a thick wall cylindrical load stress equation could be used
as presented in [7]. With the equation given in reference [8], the equation to
calculate hoop stress is shown below. Equations for radial stress and axial
stress are also shown below. Radial stress is usually small compared to hoop
stress and axial stress in this case with only centrifugal force considered.
Hoop stress:
σh =
pr
t
=
ρmπ(r22−r21)∗ω2∗
r2+r3
2
2πr2
∗ r2+r3
2(r3−r2)
=
ρmπ(r22−r21)(r2+r3)
2
ω2
8πr2(r3−r2)
Radial stress:
σr =
p
r23−r22
− 2r
2
3r
2
2p
(r3+r2)(r
2
3−r22)
Axial stress:
σa =
pr21
r23−r22
Because the optimization and analysis are conducted in steady state oper-
ation, no transient torque leads to no torsion or shear stress on rotor shell or
carbon fiber. After calculating three stresses, it is usually too complicated if
they are compared one by one for each case. In the engineering field, there
are multiple calculation methods to quantify the total stress based on stresses
in three directions, like hoop stress, radial stress and axial stress in this case.
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For example, maximum principal stress and von Mises stress are widely used
in engineering to have a clear idea when engineers want to decide the yield or
fatigue probability of design or material. The von mises equation is used here
to combine three stresses and provide a better idea of the yield condition of
rotor shell in actual operation.
σV on Mises =
√
(σh − σr)2 + (σh − σa)2 + (σr − σa)2]
In engineering, safety factor is a standardized terminology to determine
reliability of a designed parameter. In this case, safety factor is computed
by the ratio of yield stress to the von Mises stress of titanium with grade
Ti-6Al-4V. The larger the safety factor, the more reliable it will be for rotor
shell during actual operation. In an engineering oriented project, the least
acceptable safety factor is 2. But if the safety factor is higher than 2, it means
that it is more reliable and has more capability for transient conditions and
faults.
Safetyfactors =
σyield
σV on Mises
3.1 Design and Analysis
As mentioned, regarding mechanical analysis, the rotor will sustain large
stress during rotation because of the inside-out rotor configuration. As a
result, a numerical way of calculating mechanical stress during rotation and
other loading conditions like transient torque is put forward to better study
and optimize the model. In this section, simulation results will be put forward
to illustrate the design.
Carbon fiber is widely used in aerospace and sport applications because of
its exceptional mechanical properties like large Young’s modulus. It also has
large yield stress as well as small density as discussed in reference [9]. However
there is a reason for us not to design the whole rotor in carbon fiber to further
reduce the weight of the rotor. The first reason is related to electromagnetic.
Even though magnets with configuration of Halbach array will bring little
magnetic field outside the magnets, the model of electromagnetic properties
of carbon fiber is complicated due to its anisotropic properties as shown
in [10]. The second reason is related to carbon fiber’s mechanical anisotropic
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Figure 3.1: Rotor expansion stress analysis on ANSYS
properties. Because carbon fiber usually comes in layers, it is categorized as
laminated material. Such laminated polymers all have anisotropic property.
Anisotropic means that Young’s modulus differs with respect to different
coordinate axes. Carbon fiber is widely known to have larger longitudinal
Young’s modulus as well as yield stress. However, even though carbon fiber is
strong in the longitudinal direction, it is very weak in shear or torsion. As a
result, the idea of wholly replacing the rotor shell with carbon fiber cannot be
considered because rotor shell will fail to withstand not only centrifugal force
but also transient torque from motor drive and shear stress due to gravity.
As a result, a retaining ring is designed to be made from carbon fiber
wrapped outside of the rotor shell to reduce radial expansion. Due to its
anisotropic properties, it is modeled as orthotropic material in ANSYS and
its longitudinal axis is put in cylindrical direction. Same for Poison ratio
and yield stress. In this configuration the strong direction of the axis is put
against the strongest stress component during rotation. The CAD model
is constructed in Creo and later imported into ANSYS to run structural
analysis. With the calculation shown in the equations above, the calculated
expansion due to rotation is as shown in figure 3.1. Simulation results of the
radial expansion performed in ANSYS are also shown in table 3.3.
With all the calculation and simulation performed, we also have test data
to compare with to further verify our analysis result. For the past two years,
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Table 3.2: Dimension layout for magnet and dummy magnet
Density (lb/inchˆ3) Dimensions Mass (lb)
Magnet 0.271 0.482*0.268*8.8 0.308
410 stainless steel 0.276 0.473*0.268*8.8 0.308
we have manufactured a test rotor and were able to cooperate with Test De-
vice in Boston to conduct a series of rotor tests. Test setup will be explained
and illustrated. The result from rotor test is analyzed and presented.
The largest difference between test rotor and final design rotor is the
dummy magnet. For the test rotor, our main objective is spin test which
means that no active component will be put in for this setup. Active com-
ponents include windings, magnet and yoke which are the active electrical
components that are wired and produce power in the actual operation. And
only spin test is planned so that mechanical integrity as well as other issues
like rotor dynamics and thermal solution can be primarily analyzed. Spin
test is extremely important for primary phase of testing because only with
mechanical integrity assured can we be confident enough to assemble active
components and conduct an electrical loading test without concern for the
machine breaking down or causing a disastrous outcome.
With that being said, the replacement for the magnet should be found to
not produce any magnetic field but to have similar physical properties to
simulate its behavior during rotation and other tests. The material selected
is stainless steel 410 from Penn Stainless as dummy magnet. The details of
their dimension are shown in table 3.2. The assembly of the magnet is shown
in figure 3.2. Because each slide of the magnet is rectangular and there are
120 slides for the whole perimeter with three sections for active length, epoxy
is used to glue the dummy magnet together with the help of mold. Other
than the dummy magnet, other differences include slightly smaller diameter
compared to final design because of material availability and shorter active
length which is actually the design revision that happened after the rotor
test. The specific details are shown in table 3.2.
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Figure 3.2: CAD model of magnet on Creo
Figure 3.3: Manufactured test rotor illustration
3.2 Actual Test Set-Up and Result
The first test after rotor balancing and inspection is the expansion test. Test
rotor was spun from 0 to 18000 rpm to measure its radial expansion. Our
motor is only designed to operate at 15000 RPM. With a test run of speed
up to 18000 RPM, we would have a clear idea about how the rotor will hold
up in the actual operation. The test setup is shown in figure 3.3. The rotor
is in vertical orientation and connected to an air turbine. Table 3.3 shows
the comparison of my analysis result and test data.
Figure 3.3 shows the manufactured test rotor with dummy magnets and
carbon fiber attached. Figure 3.4 shows the test setup in expansion test.
The rotor was driven by an air turbine on the top. The coupling between
14
Figure 3.4: Test rotor mechanical integrity test setup
Table 3.3: Table of expansion result from rotor test and simulation on ANSYS
n Rotor test ANSYS Cursor Simulation Result Range Percent Error
Unit mm mm mm %
Value 0.79 0.77 0.68-0.88 2.597
air turbine and test rotor was achieved by the connection in the middle with
a spin pit lid as protection. Figure 3.5 shows the expansion measurement
sensor used in the rotor test. It was measuring the expansion with respect
to the inside surface of dummy magnets.
A test rotor model with the same dimensions was also set up on ANSYS
to simulate the expansion. Figure 3.6 and figure 3.7 show the result. Results
are compiled together with rotor test’s expansion in table 3.3 to verify the
simulation configuration and reliability of our mechanical integrity analysis.
From the observation of table 3.3 as well as simulation result, our prediction
matches with the actual behavior for rotor expansion and the rotor has a
sufficiently high safety factor to withstand the testing condition from our
experiment as well as simulation. As a result, the mechanical integrity risk
is successfully retired and more analysis is completed on rotordynamics as
well as fan performance to validate the design.
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Figure 3.5: Detail picture of expansion measuring sensor for rotor expansion
test
Figure 3.6: Expansion radial displacement from ANSYS
Figure 3.7: Expansion radial displacement from ANSYS with cursor
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CHAPTER 4 ROTORDYNAMICS
4.1 Introduction to Rotordynamics
When engineers design turbo-machinery or troubleshoot electric machines,
rotor dynamics is usually the most important study for dynamics problems.
For turbo-machinery it is even more complicated because there is axial flow
caused by different pressure in turbo chambers at different stages. More-
over, transient torsions or manufacturing tolerances of the components do
contribute a lot to the dynamic forces and critical speeds of the machines.
All these problems are illustrated and analyzed in rotordynamics analysis.
Rotordynamics analysis can help solve problems including predicting crit-
ical speeds, optimizing designs to change critical speeds, predicting natural
frequencies, calculating balance correction masses and predicting amplitudes
of vibration caused by rotor imbalance. There is no doubt that these are all
very complicated but connected processes. Different stages of rotordynam-
ics analysis will be explained. Numerical analysis performed on the project
as well as the theory preparation will also be covered respectively in this
chapter.
As mentioned, our motor is designed to rotate at 15000 RPM with a size of
6.6 inches in radius and 11 inches in length to generate a 1-MW output power.
The weight of the motor is limited to 170 lbs to achieve a power density of
13 kW/kg which doubles machine power density for state of the art. Due
to its high speed and inside-out rotor structure, the tip speed of the rotor
reaches Mach 0.8 which is the limit for an electric machine operated in normal
conditions. Any Mach number higher than 0.8 will cause lots of turbulent
flow and difficult dynamics problems to analyze in aerospace applications or
other applications in air environment. Moreover, such a unique inside-out
structure of the rotor brings more uncertainties to the dynamics of the rotor
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including vibrations and torsions, which is the reason why rotor dynamics is
so important for this research project.
4.2 Ping Test
Ping test is the first test to be performed in rotordynamics analysis. It is an
effective way to check the natural frequencies of the rotor by itself without
affecting the bearings and support system. So basically the rotor needs to be
at a free-free condition which means that it will not have any support or any
bearings. Usually rotors are hung by ropes and hammers or other actuators
are used to apply impacts in the horizontal direction. Accelerometers or am-
plitude sensors will be used to record the behavior. With a frequency analyzer
setup that is capable of computing the FFT transfer functions plugged in,
the rotor’s natural frequencies should be obtained by finding the peaks of the
spectrum. Free-free natural frequency is helpful for assessing the accuracy of
the rotor mass-elastic model without involving errors from bearing properties
or other support structures. For example, a rap test was completed with a
hammer and free-free analysis was carried out as in [11] as shown in figure
4.1. From the figure, peaks like 45 Hz and 75 Hz among frequency spectrum
could be observed which are actually the free-free natural frequencies for the
rotor analyzed.
Moreover, numerical analysis of the model is also conducted in software
to better analyze rotordynamics of the model. To start it off, an outsourced
software was selected to complete all rotordynamics analysis. We chose Xl-
rotor, which is developed by a professor at Texas A&M University who has
30 years of experience working on rotordynamics and turbo-machinery. The
reason is that it is user friendly and they can also provide strong technical
support regarding relating testing and analysis. As a result, the structure of
the grounded stator, the rotor and the coupler have been modeled on Xlrotor
to conduct numerical analysis as shown in figure 4.2.
As introduced above, free-free analysis is completed on Xlrotor. The model
for this analysis only has a rotor instead of a stator or a coupler because the
intention is to have similar configuration as what happened in the rotor test.
Result and model are shown in the Table 4.1.
From a free-free rotor analysis, usually 3 or 4 rigid body modes with zero
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Figure 4.1: Compliance FRF data, dynamic compliance support model -
stream and horizontal [12]
Figure 4.2: Model of test rotor on Xlrotor
Table 4.1: Free-free natural frequencies of rotor from Xlrotor
Speed:FF Hz1 Hz2 Hz3 Hz4
1000. 0.0 0.0 0.0 19.8
4000. 0.0 0.0 0.0 79.0
7000. 0.0 0.0 0.0 138.3
10000. 0.0 0.0 0.0 197.4
11000. 0.0 0.0 0.0 217.2
12000. 0.0 0.0 0.0 236.8
13000. 0.0 0.0 0.0 256.5
14000. 0.0 0.0 0.0 276.2
15000. 0.0 0.0 0.0 295.8
16000. 0.0 0.0 0.0 315.5
17000. 0.0 0.0 0.0 335.1
18000. 0.0 0.0 0.0 354.7
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frequency will be observed. From the table 4.1, we can see that there are
three modes with zero frequency observed. Without any gyroscopic effect
integrated, there will be 4 zero frequency modes instead. When gyroscopic
effects are present, one rigid body mode has a nonzero frequency which is
usually called a gyroscope mode. It is numerically calculated by the ratio of
total rotor polar moment of inertia to the total transverse moment of inertia,
multiplied by the shaft speed. Gyroscopic mode is important for rigid rotors
with extremely flexible supports.
4.3 Bearing
Besides the rotor shell information, bearing information is also needed to
continue with the rest of the analysis. Before selection of bearings we inves-
tigated several kinds of bearings available. The first thing we looked at was
the combination of bearings in a bearing system. We first investigated op-
tions available for each type of bearing. Not every bearing can withstand an
operating speed as high as 15000 rpm. Options available include deep groove
ball bearings, cylindrical roller bearings and angular contact ball bearings.
We decided to use a two-bearing system because in that way the system sup-
ports the rotor without causing any cantilever effect. While the positions of
bearings were decided mostly for manufacturing considerations, we decided
to use two identical angular contact ball bearings to prevent large differences
in dynamic bearing loads. The reason is that angular contact ball bearings
are able to withstand both axial and radial loads which is ideal for our motor
application while a more complicated bearing system is necessary if the other
two types of the bearings are used due to their lack of axial loading capac-
ity. With the air flow inserted along heat sink channels to cool down the
machine, the rotor will withstand a certain amount of axial load. Regarding
the assembly position of bearings, figure 4.3 shows a section view of ground
cylinder where bearings will be inserted and secured.
Other than the operation speed and the required inner diameter as well as
outer diameter, one of the most important characteristics to look for when
researching for bearings is stiffness. The amount of load characterizes the
stiffness to produce unit elastic deformation. The stiffness of the bearing
contributes a lot to the undamped critical speeds of a spring-mass system as
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Figure 4.3: Axial section view of ground cylinder and bearing placement
well as the damped natural frequency behavior that will be covered later.
We ended up choosing two identical angular contact ball bearings, 7018
CE/HCP4A from SKF.
4.4 Critical Speed/Damped Natural Frequency Map
With rotor design parameters and bearings information, undamped critical
speed analysis which shows the basic characteristic of a spring-mass system
can be conducted. To explain the idea of a critical speed, a spring-mass
system is used to illustrate. The equation to calculate the mth critical speed
of a rotor-bearing system is
ωm =
√
km
mm
where km and mm are the modal stiffness and modal mass respectively of the
mth whirling mode.
The two parameters in the equation can also be treated as the effective
stiffness and mass for critical speed. Similarly, critical speeds of the motor
bearing system can be calculated. If it is possible, we want to avoid critical
speeds during the operating speed range for the motor operation. If any
critical speed is reached during the actual operation, it would excite a res-
onance mode in the motor-bearing system which causes large amplitudes of
vibration. From the formula we could see that we always look for bearings
with the larger stiffness because it leads to higher critical speed. Table 4.2
shows the undamped critical speed table of the final rotor on Xlrotor.
To introduce the calculation of damped natural frequencies as shown in
figure 4.4, there are several concepts to cover. The first is the ratio of polar
moment of inertia to transverse moment of inertia. Polar moment of inertia
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Table 4.2: Undamped critical speed of final rotor on Xlrotor
Stiffness cpm1 cpm2 cpm3 cpm4 cpm5
10000. 2915.1 8707.9 69526.1 81669.8 88473.6
31623. 5106.1 10048.5 69793.9 84164.5 88619.5
100000. 8632.7 13307.6 70405.3 88760.2 91957.2
316228. 13272.7 20340.8 71737.3 89944.3
1079000. 18484.2 34998.2 75247.5 93247.0
1000000. 18163.9 33818.8 74924.2 92936.1
3162278. 22690.8 55527.5 82272.5 99812.3
10000000. 25740.7 74968.5
Figure 4.4: Damped natural frequency map for final design rotor on Xlrotor
and transverse moment of inertia of the inside-out rotor structure can be
treated as combination of solid disks as in [15]. In the paper, the author goes
over the calculation for its polar moment of inertia and transverse moment
of inertia as shown below:
Hollow cylinder:
J = πρL
2
(r40 − r4i )
Solid cylinder:
J = πρLr
4
2
Hollow cylinder:
I = πρL
12
[3 (r4o − r4i ) + L (r4o − r4i )]
Solid cylinder:
I = πρLr
2
12
(3r2 + L2)
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Figure 4.5: Rigid-rotor modes of whirling for a symmetrical rotor [15]
In contrast to a rotation axis, the center of mass for each level is differ-
ent. As a result, the parallel theorem is applied to calculate total transverse
moment of inertia as in [14].
Itot = I1 +
[
I2 +m2
(
L2−L1
2
)2]
+
[
I3 +m3
(
L1+L3
2
)2]
The ratio of polar moment of inertia to the transverse moment of inertia is
dependent on the mass distribution along the rotor shell. And it contributes
a lot to the damped natural frequency map. When one of the natural fre-
quencies is met in the rotor’s actual operation, the shaft speed corresponding
to that natural frequency is called a critical speed. When a critical speed is
reached for a motor, the rotor does not vibrate but transforms to a certain
mode shape that depends on the natural frequency and whirl type as shown
in figure 4.5. Mode shapes are determined by distribution of the mass as well
as stiffness on the bearings and the supports. Common mode shapes include
cylindrical and conical mode, which are usually the first and second critical
mode for synchronous response in rigid-rotor modes.
As introduced, the performance of the mode shape and the actual effect
due to a critical speed depend on the weight distribution as well as the whirl
type. More introductions will be necessary for gyroscopic effects as well as
synchronous whirl analysis and damped natural frequency analysis. A long
rigid symmetric rotor is taken as an example to show how undamped critical
speed and damped natural frequencies are calculated.
For symmetric model, both bearing and mass system are treated as sym-
metric, which is
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KXX = KY Y = K;FX = −KX;FY = −KY .
mẌ + 2KX = 0
mŸ + 2KY = 0
IT β̈ + Ipωα̇ +
1
2
KL2β = 0
IT α̈− Ipωβ̇ + 12KL
2α = 0
From the homogeneous solution aje
st, for j = 1,2,3,4
(ms2 + 2K) 0 0 0
0 (ms2 + 2K) 0 0
0 0 IT s
2 + KL
2
2
Ipωs
0 0 −Ipωs IT s2 + KL
2
2
 ∗

a1
a2
a3
a4
 =

0
0
0
0

The eigenvalues of the system are calculated
ω1 = ω2 =
√
2K
m
ω3 =
[
IP
2IT
ω +
√
KL2
2IT
+
(
IP
2IT
ω
)2]
ω4 =
[
IP
2IT
ω −
√
KL2
2IT
+
(
IP
2IT
ω
)2]
where ω1 , ω2, ω3 and ω4 are the undamped natural frequencies of the long
symmetric rotor-bearing system. For a more complex system, calculations
for the polar and transverse moment of inertia as well as the stations length
calculation need to be updated with respect to stations weight and distribu-
tion.
Moreover, the calculation for the eigenvalues above does not include damp-
ing which is another important property for a bearing system. Damping
actually has large effects on the behavior near critical speeds instead of on
the critical speeds. If the result is good for the undamped critical speed,
damped natural frequency analysis should then be conducted to mimic the
real situation more closely. With the imbalance value of the test model and
damping of the bearings included in the equation, equations for the rotor
motions can be decoupled and expressed as:
(IT − IP ) α̈ + CL
2
2
α̇ + KL
2
2
α = (IT − IP )ω2θ cos (ωt)
(IT − IP ) β̈ + CL
2
2
β̇ + KL
2
2
β = (IT − IP )ω2θ sin (ωt)
Where C = CXX = CY Y
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Figure 4.6: Whirling eigenvalues of long rigid rotor versus shaft speed for
different inertia ratio [15]
Particular solution to the non-homogeneous equations is:
α = Acos (ωt− γ) , β = Bsin (ωt− γ)
A = B = (IT−IP )θω
2√[
KL2
2
−(IT−IP )ω2
]2
+
(
CL2
2
)2
ω2
γ = arctan
[
CL2
2
∗ω
KL2
2
−(IT−IP )ω2
]
The ratio of polar moment of inertia to transverse moment of inertia di-
rectly determines the gyroscopic moment’s strength. From equations we are
able to see that if the rotor is shorter, a larger ratio can be obtained. If the
ratio is larger, it moves the amplitude of the critical speed higher. Figure
4.6 shows the difference caused by different mass ratios to forward whirling
mode and backward whirling mode.
Eigenvalue analysis analyzes the critical speeds of the system without in-
cluding imbalance forces. A critical speed is that at which the synchronous
vibration is at maximum due to imbalance. An undamped critical speed
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Figure 4.7: Undamped critical speed map for initial design motor
map as shown in figure 4.7 gives out the distribution of undamped critical
speeds with respect to the stiffness of the spring mass system. However, in
eigenvalue analysis computation is carried out to find the natural frequen-
cies for each critical speed with respect to the synchronous whirling. From
calculation we are able to obtain usually two whirl modes for different mode
shapes. The whirling mode with increasing frequency when speed increases
is called forward whirl mode. The whirling mode with decreasing frequency
when speed increases is called backward whirl mode as shown in figure 4.8.
An example of a damped natural frequency map is shown in figure 4.8. The
black dash line is the synchronous operating line, and the vibration modes
show the behavior of frequencies with respect to speed. Any intersection
between the vibration modes and the synchronous line means that there is
a critical speed that excites vibration resonance. Intersections between the
synchronous operating line and a forward whirl mode will excite a certain
vibration mode that can lead to large imbalance forces and dynamic loads.
As a result, we always try to avoid any critical speed in our operating speed
range. Whether excitation will happen also depends on the time duration
for which it stays at the critical speeds. For example, a rotor has to pass
through some critical speeds which are intersections of a forward whirling
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Figure 4.8: Damped natural frequency map for initial motor design
mode and the synchronous operating behavior. But it passes through the
critical speed within a tenth of a second which is a very short period. It is
also possible that it will not excite large imbalance forces to the rotor as well
as the rotor support. Moreover, intersections between synchronous operating
line and backward whirl mode do not excite imbalance in the actual operation
as shown in reference [16].
Multiple methods can be used to prevent a forward whirling mode from
intersecting with synchronous operating line. The most common method is
to increase stiffness of the bearings. From equations we could see that large
bearing stiffness is able to increase critical speeds leading to higher inter-
sections between forward whirl mode and synchronous operating line. Other
methods include optimizing the mass distribution of the rotor to improve the
ratio of polar moment of inertia to the transverse moment of inertia and so
on.
Intersections between synchronous operating line and backward whirl mode
do not cause any critical natural frequencies that result in large imbalance
force. However, intersections between the synchronous operating line and
forward whirl modes do generate critical natural frequencies. From figure
4.6 we can see that if the inertia ratio gets close to 1, forward whirl modes
will have a slope close to 1 due to gyroscopic effect which means that critical
natural frequencies can be excited along a long range of speed. If the inertia
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gets close to 1, the gyroscopic effect of the rotor will be at maximum which
brings lots of excitation and imbalance forces to the synchronous whirling
mode. As a result, one of the design requirements we have for the rotor
design is to keep it beyond the range from 0.8 to 1.2 for the ratio of the polar
moment of inertia to the transverse moment of inertia.
4.5 Imbalance and Instability
After undamped critical speed analysis and damped natural frequency anal-
ysis, imbalance analysis can be conducted to further analyze the stability of
a rotordynamics model. In imbalance analysis more information including
damping and imbalance need to be detailed to continue. Damping has large
effects on damped natural frequencies as introduced. However damping in-
terferes not with the result at critical speeds, but rather that the region close
to critical speed. Moreover imbalance value is highly dependent on the bal-
ancing method utilized to balance the rotor as well as the support structure.
For example, if a rotor is balanced by the two-plane method as shown in
reference [17], it will generate different imbalance positions and phase differ-
ences for an imbalance analysis setup. With calculated critical speed analysis,
damped natural frequencies and free-free analysis completed, different meth-
ods can be used to calculate imbalance response. In this analysis, damped
natural frequency map is a known input and imbalance forces on bearings
can be calculated to make the system of equations non-homogeneous. For
example, a transfer matrix method developed and refined by Lund [18] could
be used to conduct imbalance response analysis.
With the theory preparation covered, systematic rotordynamics analysis
was completed in the initial design phase of the motor as shown in figure 4.9.
As mentioned before, the model was constructed in Xlrotor which is an Excel
plug-in software that calculates all aspects of rotordynamics analysis men-
tioned above. From the undamped critical speed analysis, the critical speeds
with respect to stiffness of bearings used are calculated. In this model, a
bearing with stiffness of 890783 lb/in2 is set as benchmark according to the
bearings selected and the first critical speed is 21799 RPM. With the damped
natural frequency map as shown in figure 4.8, we look for intersections be-
tween synchronous line and forward whirl mode as introduced earlier.
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Figure 4.9: Rotor model for initial design phase on Xlrotor
At a speed of about 12000 RPM, there is an intersection between the
synchronous operating line and a backward whirl mode which does not ex-
cite vibration modes in the actual operation. And the intersection between
the first forward whirl mode and the synchronous operating line happens
at about 25000 RPM which is 40% above our operating speed. The mode
shape in figure 4.10 shows the shape of deformation in the first vibration
mode, which is considered as a conical mode. With the bearings’ damping
information and rotor balancing industry requirement from reference [19],
imbalance analysis is performed and dynamic loadings on bearings is calcu-
lated. From the amplitudes of vibration as shown in figure 4.11, the vibration
value is 0.01 mils which is minimal compared to expansion as well as the air
gap between the rotor and the stator. The shear and bending moment profile
for the whole rotor is shown in figure 4.12. From the dynamic loading profile
on two bearings in figure 4.13, we are able to see that the dynamic loading
is evenly distributed at an operating speed of 18000 RPM which is about 14
lb for each bearing.
From the rotordynamics analysis shown above, there are several aspects
that need improvement. For example, the ratio of polar moment of inertia
to transverse moment of inertia turns out to be 1.04 which is very close to 1.
As mentioned, if the ratio of polar moment of inertia to transverse moment
of inertia, which we will call ratio P for the rest of the chapter, is close to 1,
forward whirl mode ends up with a slope close to 1 if the rotor is accidentally
mounted on a soft shaft. It results in natural frequencies excitation along a
long range of speed that may cause disastrous outcomes to the motor. So a
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Figure 4.10: Mode shape illustration with geometry overlay on Xlrotor
Figure 4.11: Amplitudes of vibration after imbalance analysis on Xlrotor of
initial model
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Figure 4.12: Shear and bending moment profile on Xlrotor of initial rotor
model
Figure 4.13: Bearing load behavior for two bearings of initial design model
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Figure 4.14: Rotor model for larger diameter design option on Xlrotor
Figure 4.15: Undamped critical speed map for larger diameter design option
on Xlrotor
ratio beyond the range of 0.8 - 1.2 is desired. As a result a trade-off study is
completed to optimize the ratio P.
With this design option, the diameter of the rotor is bigger to increase
ratio P which turns out to be 1.29. When the diameter changes, the rotation
speed is also rescaled to maintain the same tip speed. For the larger diameter
model as shown in figure 4.14, the design option with a diameter of 1.1 times
the original diameter is chosen. Magnet length also becomes 0.826 times
the original. And the result is shown in figure 4.15. As a result, a rescaled
rotational speed of 16364 RPM is chosen for this model’s analysis.
Bearings used for this spring-mass system are 7015 CE/HCP4AL1 and N
1013 KPHA/HC5SP from SKF. With bearings information put in, the un-
damped critical speed can be observed with respect to bearing stiffness of the
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Figure 4.16: Damped natural frequency map for larger diameter design op-
tion on Xlrotor
system. For this analysis, a bearing stiffness of 890783 lb/in2 is applied so the
corresponding undamped critical speed is 25310 RPM, 40% above our origi-
nal operating speed of 18000 RPM. From observation of the damped natural
frequency map in figure 4.16, we can see that there is only one intersection
between the synchronous operating line and a backward whirl mode which
shows as black dots in the figure 4.16 in the operating speed range. The first
forward whirl mode has an intersection with the synchronous operating line
at around 25000 RPM.
The other design option is to have greater length so that the ratio P can
be decreased below 0.8. And after design iterations, the design option chosen
is as follows. The diameter is shortened to 0.9 times its original value. To
maintain the same amount of magnet to achieve 1 MW output power, the
rotor length is prolonged to 1.235 times its original as shown in figure 4.17.
Similarly, to maintain the same tip speed, a rescaled rotation speed of 20000
rpm is chosen for this model.
From the comparison between these two models, the longer model has
more drawbacks. For example, increasing the length of the rotor session
does generates more displacements at the end of the rotor shell due to the
cantilever effect. Moreover, the first critical speed is only 17365.8 RPM from
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Figure 4.17: Rotor model for larger length design option on Xlrotor
Figure 4.18: Undamped critical speed map for larger length design option on
Xlrotor
undamped critical speed map which is inside the range of operating speed
20000 RPM as shown in figure 4.18 and figure 4.19. Vibration modes will get
excited when the rotor speeds up from 0 to operating speed. If the damper
is not good enough, extraordinarily large dynamic loading will be inserted
on the bearings and large imbalance force will be distributed on the bearing
support. At a speed of 20000 rpm, the bearing load exceeds the limit of the
axis and still increases exponentially.
Based on the comparison of these two models and the design trend, the
decision is to go with the model of larger diameter. However, with the
later update with electromagnetic analysis and thermal constraints, there
are several more design parameter changes that will be discussed later.
As mentioned in the Chapter 3, we conducted a rotor test in Boston with
Test Device Inc. to analyze the motor’s mechanical integrity and conduct
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Figure 4.19: Damped natural frequency map for larger length design option
on Xlrotor
some risk assessments. The first experiment is mechanical spin test which
is presented in Chapter 3. The second experiment conducted is to further
validate our rotordynamics results as well as fan performance to make sure
they match our expectations.
Before the rotordynamics test happened, a ping test/rap test was per-
formed to measure its free-free natural frequencies. However post-processing
of the test data obtained yields some questions about the reliability of the
test.
A Dytran Impulse hammer 5850B and a Dytran Accelerometer 3030B4
10283 were used. The Dytran impulse hammer was made of aluminum and
it was used to excite low and high frequencies. And the Dytran accelerometer,
3030B4 10283, has a range for frequency collection over customer specification
of 300 Hz.
During the ping test, the impact hammer was placed on the outside of
the carbon fiber ring and switched on. An accelerometer was collecting data
in respectively the axial direction and radial direction. Experiments were
conducted for angles formed by the hammer and the accelerometer being
either 45 degrees or 180 degrees. Then the hammer was placed to provide
an impact on the inside surface of magnet. The setup as well as data for the
radial direction are shown in figures 4.20 and 4.21.
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Figure 4.20: Test illustration of 180 degree with drive end supported
Figure 4.21: Test illustration of 180 degree with free end supported
Figure 4.22: Frequency spectrum for 180 degree with drive end supported
Figure 4.23: Frequency spectrum for 180 degree with free end supported
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For a ping test, the rotor should be hung in a free-free condition by rope or
string which means that its surrounding will not be supported by anything
else. However the test situation was different from what we expected. We
can see that the testing facility did the ping test in two orientations. The first
one is with the drive end supported by sponge in figure 4.20. And the second
one in figure 4.21 is with the free end supported by sponge. So they were not
exactly free-free condition because the sponge might act as a stiffener that
eliminates natural frequencies. However, hard proof is needed to tell whether
the result is reliable or not.
When looking at the frequency spectrum for 180 degrees for different ori-
entations as shown in figure 4.22 and figure 4.23, we expect to get the same
frequency spectrum because support should not affect the rotor’s behavior.
However, from the comparison of the waveforms we can clearly see that for
the frequency spectrum of test rotor supported with drive end, there were
peaks observed at 500 Hz and 680 Hz. But for the frequency spectrum with
free end supported, the corresponding peaks at the same frequency values
disappeared. So from the comparison, the sponge did affect the natural
frequencies collected. While 500 and 680 Hz might be one of the free-free
natural frequencies, it was not certain whether the sponge eliminated some
of the other free-free natural frequencies. So the conclusion drawn is that
the ping tests performed in Boston were not set up correctly and more tests
should be conducted to obtain the rotor’s free-free natural frequencies.
Ideally the ping test should hang the rotor by a rope or a string instead
of supporting it with sponge or other bearing supports. Similar actuators or
hammers should be used to provide excitation and accelerometers should be
used to collect response data.
As mentioned earlier, the test rotor was slightly smaller than that in the
original design due to material availability. Magnets are replaced by dummy
magnet with similar densities to find out mechanical integrity. To perform
the rotordynamics test, the testing facility did some customizations on their
end. To reduce the ratio P, they designed and manufactured a long coupler.
They inserted it between the drive end of the rotor and their prime mover.
The setup is shown in figure 4.24. The rotor was also shielded with an
enclosure with sensors attached to measure the vibration. The test rotor was
rotated from 0 to 18000 RPM and vibration results were measured as shown
in the figure 4.24.
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Figure 4.24: Rotor test setup in Boston for vibration, dynamics and fan
performance
Because of an unexpected coupler, another updated set of rotordynamics
analysis was conducted as shown in figure 4.26. We were most concerned
about the rotor’s ratio of polar moment of inertia to transverse moment of
inertia and any existing intersections between the the synchronous line and
forward whirl modes. Analysis with a critical speed map and a damped
natural frequency map will be shown for the following models.
In the vibration map shown in figure 4.25, there is a spike at around 8000
RPM. Moreover starting from 12000 RPM a ramping up period is observed.
Since the result for ping test was not reliable for us to identify the free-free
natural frequencies of the motor, we were not able to claim the source of the
spike at 8000 RPM as well as the ramping up period starting from 12000
RPM. As a result, an updated model was constructed again in Xlrotor to
analyze the customized model.
Another new model with factory customized coupler is constructed on
Xlrotor as shown in figure 4.26. With the long rod coupler attached, the ratio
P is reduced to 0.106. However, it does greatly affect the damped natural
frequency map. Rotordynamics damped natural frequency map for the model
is shown in figure 4.27. We can see that there are two intersections at 7500
RPM and 10000 RPM which do not excite vibration modes. However two
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Figure 4.25: Vibration profile collected in rotor test
Figure 4.26: Rotor model of rotor test condition with coupler connected on
Xlrotor
intersections between the synchronous frequency line and the forward whirl
mode are observed at 8500 RPM and 13000 RPM which mean that vibration
due to imbalance will excite vibration modes at the corresponding speed and
induce large dynamic loadings on the bearings. And the analysis results
clearly match what was observed in the vibration test. Even though we do
not have a convincing result about the rotor’s free-free natural frequencies,
the damped natural frequency map does reliably predict the actual operation
of the rotor in the test. From this analysis, the conclusion drawn is that the
damped natural frequency map on Xlrotor can reliably predict the actual
operation of the rotor.
From this rotor rotordynamics test, a lot of lessons were learned. Rotor
design has come from concept to reality. The sequence of assembly and
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Figure 4.27: Damped natural frequency map of test rotor with coupler con-
nected on Xlrotor
manufacturing tolerance has been worked out. But more importantly, ways
utilized to balance rotor and manufacturing procedures were examined. From
rotordynamics tests conducted, we understood the importance for the test
setup in a free-free natural frequency test. We found that the insertion of
more sensor measurement units would have provided us more information
about the mode shapes and vibration peak amplitudes for the test. What is
more, we also found that the addition of coupling equipment did make a lot
of difference for the performance of the rotor. So for further rotordynamics
analysis, more information like bearing supports and the coupler should be
put in the model to increase the reliability of the analysis results.
After the rotor test, there were several changes to the model. For exam-
ple, due to the updated electromagnetic analysis, the active region length
increased from 8.8 inches to 9.5 inches. Moreover, the rotor diameter be-
came bigger than the test rotor because of material constraint. The rotor
shell is made 0.1 inch thinner which means that magnets are farther away
from the rotation axis. With all these updates, a model for the final design is
constructed. Moreover, after the experience we had working with the testing
facility, we are also starting discussions with NASA to set up more tests for
the final design motor.
For the final motor design, real magnets instead of dummy magnets will
be used. Carbon fiber is also sized compared with that on the test rotor to
have the same amount of displacement. The rotor will go through a spin
test, a vibration test and electrical tests like block rotor test with all active
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Figure 4.28: Rotor model of final design with NEAT Gearbox Highspeed
Pinion connected on Xlrotor
Figure 4.29: Damped natural frequency map of final design rotor with coupler
components put in including magnets, winding and stator yoke.
We have been in discussion with NASA Electric Aircraft Test bed (NEAT)
which is a testing facility of NASA. NEAT is able to provide the equipment
including drive and gearbox to rotate our motor to the operating speed.
With our previous experience working with prime mover, we ask for detailed
information about their gearbox and available couplers. With couplers and
bearings information becoming available, a complete model has been con-
structed on Xlrotor as shown in figure 4.28.
We can clearly see that the damped natural frequency map as shown in fig-
ure 4.29 has given a promising analysis result. The only intersection from 0 to
operating speed, which is 15000 RPM, is the intersection between backward
whirl mode and synchronous operating line at around 14000 RPM. The first
intersection between a forward whirl mode and the synchronous operating
line happens at 18000 RPM which is about 20% over operating speed.
With the undamped critical speed map and the damped natural frequency
map both providing good expectations of the rotor’s operation, further study
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Figure 4.30: Trunnion effect illustration and example from Xlrotor
on imbalance and dynamic loadings on bearing could be carried out.
4.6 Trunnion Effect
There are more options available as well to further implement rotordynamics
model on Xlrotor to simulate the rotor’s actual operation. Trunnion effect is
one of the things that are implemented in the Xlrotor system. As introduced
above, Xlrotor is a 2-dimensional software that simulates rotation behavior
of a rotor by analyzing its axial cross section which basically assumes the
rotor as a combination of beam stations rotated with respect to center axis.
However with the unique inside-out orientation of our rotor, there are two
levels of beam stations connected by an end plate. And such unique design
brings another kind of bending [20] which is plate bending together with
beam. An illustration of plate bending and trunnion effect is shown in figure
4.30.
To better capture the trunnion stiffness of our rotor, FEA simulation anal-
ysis can be conducted to obtain a more sophisticated result. The definition
of trunnion stiffness is the bending moment divided by the angle. Angle is
the ratio of maximum axial displacement to radius. So a mechanical struc-
tural analysis was constructed in ANSYS to find the trunnion stiffness of the
end plate as shown in figure 4.31. A moment of 1 Nm is inserted on the
outer surface of the rotor shell. The inner rotor shaft is set as stationary for
the boundary conditions. Axial displacement result is shown in figure 4.31.
Calculation of trunnion stiffness is also shown below.
Trunnion stiffness = Unit Moment
Angle
= Unit Moment
Axial Displacement/Radius
=
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Figure 4.31: Simulation from ANSYS for trunnion stiffness
1
1.807∗10−7/0.172 = 9.5 ∗ 10
5 Nm = 8.408 ∗ 106 in*lbf
From the calculation, the updated trunnion stiffness is put into the connec-
tion stations between the two levels in Xlrotor model to capture the trunnion
effect caused by the plate bending. As introduced above, two levels are orig-
inally assumed to be connected as rigid while this is not the case in reality.
By rigid connection, two levels are connected with infinite stiffness which
would allow minimum bending. With the trunnion effect integrated, the ro-
tordynamics analysis is more realistic because it now takes into account the
trunnion effect caused by plate bending.
43
CHAPTER 5 FAN PERFORMANCE
Another important aspect of the project is fan performance. With an output
power of 1 MW and high power density, an efficiency of 99% for a machine
will still produce a large amount of heat within a restricted space. In this sce-
nario, thermal solution and fluid flow analysis across the model are extremely
important.
To understand the challenge of thermal solutions, rating of the machine is
given out in detail as shown in table 2.1.
Requirements of this project also push us to apply aggressive cooling meth-
ods. Because the purpose of this project with NASA is to increase the power
density of an electric machine to achieve aviation electrification, we are not
willing to apply common liquid cooling methods in aerospace applications.
The circulation system, pumps and liquid weight will also be counted into
the whole system, lowering the power density of the machine. As a result,
air cooling technique is used as the cooling method for this motor project
which turns out to be very challenging and aggressive.
First of all, the cooling scheme and circulation are designed. Originally
an axial flow path is designed to create air flow from the free end to the
drive end as shown in figure 5.1. However, it does create a challenge for the
mechanical integrity and thermal performance. As shown in the figure 5.1,
fan holes are designed on the end plate of the rotor. However, the end plate
is the only support structure for the cantilever structure of the rotor shell.
To increase airflow, larger fan holes need to be created on the end plate to
provide large cross session area to maximize flow rate.
However, while larger fan holes are designed to increase flow rate for ther-
mal performance, the rotor end plate support is also weaker to withstand the
gravity as well as the expansion due to rotation. As a result, another design
option is picked to conduct further fan and thermal analysis.
Another cooling scheme, a centrifugal flow path, is chosen to continue
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Figure 5.1: Axial fan hole design
with further analysis. In contrast to axial flow from the free end to the
drive end, centrifugal flow provides a pressure difference between the inlet
and the outlet. Moreover, air is designed to be sucked in from the free end
and expelled out radially through the fan holes on the rotor shell. A simple
illustration of the flow path is shown in figure 5.1. To achieve centrifugal flow,
an impeller needs to be placed on the end plate facing toward the stator. The
heat sink channels and fan chamber act as pressurized chambers to build up
pressure differences.
Fluid analysis and fan performance are very difficult and complicated to
evaluate. Usually experimental results and numerical analysis methods are
used to validate the theory. So for this chapter, evaluation of the system will
be based on both of the experimental results and the computational fluid
dynamics (CFD) analysis results.
Pre-analysis is completed at first on the fluid flow system to gain more
confidence about the experiment. In this chapter, different CFD analysis
schemes are explained and results are compared to verify the reliability of
the model chose. As introduced above, the fan is inserted on the inside
surface of the end plate to create a pressure difference at inlet and outlet so
that air as coolant will be actively pumped in through heat sink channels
and the air gap to cool down the windings as well as the magnets. Due
to the high pressure, the insulation on the windings might have a chance
of breaking down while magnets will get demagnetized due to temperature
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constraints. As a result, the design objective is a fan system that provides
air flow with a velocity of more than 20 m/s along the heat sink channels at
a speed of 15000 RPM. There is no doubt that this objective is challenging
because of the motor’s high rotation speed as well as a small gain for the
pressure build-up.
During the initial design phase of the impeller fan, we actually worked with
Joseph P. Veres from the Turbomachinery Turboelectric Propulsion Branch
of NASA Glenn Research Center to come up with a fan design. With the
requirements provided, Joe came up with the fan design. However, for the
fan design process completed by Joe, he was not given the details about
the inside-out rotor structure. Even though the impeller fan designed has
the capability of generating the required amount of flow by itself, it is not
guaranteed to deliver the expected performance when assembled to a unique
inside-out rotor structure. It explains the necessity of conducting more CFD
analysis on the fan attached to the end plate of the rotor to simulate its
performance in actual operation.
ANSYS is known as one of the most powerful finite element software re-
garding CFD analysis. It can run different kinds of finite element analysis
including structural, modal analysis, thermal analysis and CFD analysis. In
the CFD analysis, ANSYS also has two options for solving software which
are Fluent and CFX. ANSYS CFX is usually used to conduct CFD analysis
on turbo-machinery applications like a propeller and an impeller because of
its specialty of simulating pressurized fluid and rotational motion as shown
in reference [21]. The models of the rotor shell and the impeller are cre-
ated firstly on Creo and then imported into ANSYS to generate different
simulation cases.
The first thing to mention is the way a fluid flow model is constructed
in a CFD analysis. Whereas in structural analysis everything is set up and
meshed similarly to the real case, CFD analysis is constructed in a different
way. To further explain it, fundamentals of finite element analysis will be
explained. Objects are meshed as a combination of elements and nodes in
finite element analysis. Each node will have a calculation for its status, with
integration of the effect from nodes nearby. So for example, if our design rotor
is set up in a mechanical structural analysis, ANSYS will first mesh the model
with requested node types like tetrahedral so that every node on the object
is linked to other nodes with a tetrahedral shape. Then boundary conditions
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Figure 5.2: Wind tunnel analysis setup on ANSYS CFX
like fixed displacements and force conditions are set up on the model to
provide environmental constraints. With a solver method selected, finite
element analysis can be performed to give out requested results including
stress and displacements. However, CFD analysis especially for propellers
and impellers is slightly different.
The initial setup was constructed directly by importing the rotor shell
and the impeller. However, the problem was very quickly recognized. CFD
analysis cannot be set up as it is in structural analysis. The reason is that if
the impeller is directly imported into analysis and is set to rotate, it means
that the meshing objective of the fluid domain is always rotating, leading to a
more complicated case, while step changes will result in a different orientation
for every node and element of the model. The calculation that comes with
changing every node’s coordinate is enormous. What is more important,
remeshing of the object also refreshes the coordinate system as well as nodes’
coordinates. Computation brought by remeshing and reassigning coordinates
to each node of the model would be difficult to tackle. As a result, a different
scheme is explored to set up the CFD analysis.
The first approach is to model the system in a wind tunnel. The rotor shell
and the impeller are imported. However a cylindrical enclosure is created to
simulate the rotor in a wind tunnel. For the reasons just mentioned, the
rotor assembly is set up as a solid material and is treated as stationary so
that the meshing elements do not need to be regenerated at every time step.
To simulate the rotation, the fluid region in the tunnel is set to rotate at a
speed of 15000 RPM. The setup is shown in figure 5.2.
The enclosure is set long so that it simulates the real situation in which the
pumping fluid close to inlets does not interfere with the performance of the
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Figure 5.3: Wind tunnel analysis result flow vector from ANSYS CFX
Table 5.1: Result of inlet and outlet velocity in wind tunnel ANSYS CFX
setup
Inlet flow velocity (m/sˆ2) Outlet flow velocity (m/sˆ2)
214.7 73.31
model. The inlet and output are set to have 1 atmosphere pressure which is
the same as the ambient pressure. Moreover, the wall is set to be stationary.
The result is shown in figure 5.3.
After the analysis, the flow vector and the flow pattern are obtained. Flow
rates are observed at inlet and outlet. Pressure placed on the impeller due to
rotation, and torque that the impeller induces, are also calculated. Details
of the data are shown in table 5.1.
As shown in figure 5.3, to simplify the initial setup, only the rotor was
integrated so that there were fewer components to debug and analyze. With
such a setup, a larger flow should be expected without the interference of
stator which blocks large portion of flow path. But from table 5.1 we see
that the result obtained is too high even under such an idealized case of
simulating the rotor itself. The reason is that setting up the fluid inside the
tunnel to rotate at the same rotation speed does not sufficiently describe
the real situation. If a long tunnel has all of its liquid rotating at the same
angular velocity, the peripheral portion of liquid will have a relatively higher
linear velocity compared to the liquid closer to the rotation axis. And such
continuous distribution through the tunnel will result in pressure differences
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Figure 5.4: Screenshot of mesh definition and inflation on ANSYS
between the peripheral region and the center region, which means that the
liquid will be pushed radially outward. But if the enclosure is set as a diam-
eter closer to the diameter of the rotor shell, it is not convincing enough to
show the outflow pattern and the flow rate calculation. So after the analysis,
our conclusion is that a wind tunnel will be useful for a propeller because in
that way inlet axial flow velocity could be directly applied to find out the
force exerted on the propeller as well as the flow pattern generated. But for
an impeller, a different scheme needs to be explored to find out the perfor-
mance of the impeller which creates a pressure difference by rotating and
moving the fluid.
The final scheme chosen to set up CFD analysis is liquid domain analysis.
Similarly complementary parts of the impeller and the rotor shell in a cylin-
drical enclosure are created to simulate the fluid region. However, in contrast
to the previous scheme, the impeller enclosure is only slightly larger than the
rotor shell to prevent problems as seen in the previous analysis. Moreover,
another larger enclosure is set on the outside of the first fluid region with a
void of exactly the same size as the previous enclosure. In this setup, only
the impeller fluid region, which is liquid inside the rotor, is rotating. The
outside fluid region is filled with the same liquid, which is air and sustained
at reference pressure level. As a result, the flow pattern is observed in and
out of the rotor shell’s liquid domain. Regarding the boundary conditions
of the analysis, the surface toward the inlet of the rotor shell is defined as
an inlet with ambient pressure being 1 atmosphere. Other surfaces on the
outer enclosure are defined as openings which have the same pressure as the
ambient pressure.
Because this CFD analysis is on fluid, boundary layer analysis would need
specifications of the meshing definition. As a result, to further analyze the
boundary layer of the liquid region, inflation is added on the meshing defi-
nition as shown in figure 5.4. Meshing elements of the model are shown in
figure 5.5. Figures 5.6 and 5.7 show the flow vector profile together with a
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Figure 5.5: Meshed elemented illustration from ANSYS CFX
Figure 5.6: Figure flow vector profile of final motor setup in ANSYS CFX
circulation profile or the CFX model.
To further confirm the result, discussion happened between the University
of Illinois team and the National Center for Supercomputing Applications
(NCSA). We have been cooperating for potential opportunities to use the
supercomputer as a resource to aid in our CFD analysis and fan design
analysis. Similar analysis is also set up in Star CCM to confirm the reliability
of the analysis as shown in figure 5.8.
With the CFD analysis completed in the same setup configuration, we
were also able to conduct some flow tests in Boston to evaluate the fan per-
formance. However, both the test setup and results turn out to be unreliable.
The setup is shown in figure 5.9. This part of the experiment was completed
together with the rotordynamics test, which means that it was put inside
a cylindrical enclosure during the test. Such a setup means the flow path
resistance for the air flow is much larger than expected because the enclo-
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Figure 5.7: Circulation profile of motor model from ANSYS CFX analysis
Figure 5.8: Flow velocity distribution from Star CCM
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Figure 5.9: Flow test setup in Boston
sure blocked a large portion of the outlet flow path compared to an open air
environment. What is more, the inlet, which is the bottom of the test rotor
as seen in figure 5.9, was blocked by an end plate with multiple inlet holes.
Such an orientation further blocked the rotor flow by having more resistance
at the inlet. Regarding the inlet holes drilled on the end plate, the flow is
also not contributed evenly because the flow meter is only placed through
one of the inlet holes. With the problems described above, the flow test did
yield unsatisfying results that will be presented later. As a result, we utilized
the resources available at our testing stations and conducted some more flow
tests on campus.
Due to the limited resources available on campus, we did not have the ca-
pability to rotate our test rotor to the designed operating speed, 15000 RPM.
Instead we used an induction motor with a belt transmission system to drive
the rotor up to 3750 RPM as shown in figure 5.10. We had pressure sensors
at the inlet of the heat sink channels and the outlets of the air channels to
measure the pressure so that flow velocity could be calculated with equations
below. A simple illustration of where pressure sensors are placed is in figure
5.11. And the result is shown in figure 5.12.
p = 1
2
ρV 2
From the result 5.12 it is easy to see that the fan did not perform as
expected when the test was conducted in Boston. Especially when the test
was performed under different ambient pressures, the flow velocity measured
followed the same trend. When ambient pressure was decreased, lower airflow
velocity was expected because with the same fan it was harder to build up
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Figure 5.10: On-campus flow test setup
Figure 5.11: On-campus flow test sensors placement illustration
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Figure 5.12: Flow velocity measured in Boston’s flow test
pressure differences between the inlet and the outlet. So from the results
shown above, our conclusion is that the rotor flow test conducted in Boston
is not convincing enough to evaluate the impeller’s performance. The result
of the rotor test conducted on campus is shown in figure 5.13.
We obtained an inlet velocity of around 10 m/s at 3750 RPM, which is
three times the speed of the Boston rotor test at the same rotational speed.
From figure 5.13 we can see that the flow velocity collected turns out to
behave linearly with respect to speed. As a result we proceeded with a linear
approximation for the data points. With the linear approximation, the trend
is projected at 41.89 m/s which is larger than the calculated value of 27 m/s.
However, the prediction is based on a few assumptions.
As the speed increases, the flow of the system will stop increasing linearly
because the Reynold’s number also increases with speed, which brings more
turbulence and compressibility to the air flow. This means that when the
speed is higher, the slope will become smaller and smaller because of in-
creasing turbulent flow and heat generation. As a result, such a trend would
bring us closer to 27 m/s for the inlet flow velocity, which is the designed
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Figure 5.13: Results and projection from on-campus flow test
Table 5.2: Flow velocities from test measurement and CFD analysis from
different software
Unit:m/s Inlet flow speed Inlet flow speed range Maximum speed
Flow test 10.28 9.83 10.65 n/a
ANSYS CFX 15.6449 10.5 20.0 20
Star CCM 9.4 4.8 33.6 102
value. However, more validation is needed to back up this theory. As a result
finite element analysis at the same speed for the on-campus flow test model
becomes necessary. Our on-campus flow test results are compared with the
CFD analysis results on different software. The results are shown together
in table 5.2.
Even though it seems that Star CCM has a closer inlet flow velocity com-
pared to that for ANSYS CFX, the conclusion drawn is slightly different.
The first thing to note is that the analyses conducted on ANSYS CFX and
Star CCM are both set up with the liquid domain for finite element analysis.
The fluid domain is defined with a rotational speed of 3750 RPM. But the
solving algorithm as well as meshing technique used with in these two plat-
forms are different which is the reason why there can be possible outcomes
from comparison of the analysis results from two different software tools.
To explain the results in table 5.2, the maximum speed of analysis is the
maximum flow velocity observed throughout the whole model which is why it
is not available for the on-campus flow test. Only two pressure sensors were
55
available during the on-campus rotor test. However, the maximum speed
observed from CFD analysis should give a better idea about the whole flow
vector profile. From table 5.2 we can see that Star CCM does turn out to
have a number closer to the test result; however, it is slightly smaller than
the test result. Usually CFD is carried out to simulate the flow condition
under lots of assumptions. For example, gas is assumed to be incompressible
and uniform in density in both of the analyses here.
However the real situation is much more complicated because there can be
more turbulence or density difference due to temperature or compressibility.
An inlet flow speed of 9.4 m/s for Star CCM analysis is observed close to the
position where the sensors were put in the rotor test. Moreover, Star CCM
turns out to have a larger velocity range as well as larger maximum velocity
for the model. Compared to Star CCM, the ANSYS CFX analysis does give
a better result range and peak values. The velocity is measured to be 15.6
m/s at the cursor position, which is within the range of error allowed by the
numerical analysis and actual fluid flow. And between the two finite element
methods of Star CCM and ANSYS CFX, it is also easy to see that ANSYS
CFX gives a more precise velocity range as well as a more reasonable top
speed. Both analyses are performed at a rotational speed of 3750 RPM to
compare their results. But Star CCM seems to provide a wider range of flow
speed vectors that make it difficult to project the final average flow speed of
the model. For example, if the analysis in Star CCM is conducted with an
operating speed of 15000 RPM, the incompressible flow would be projected
at around 500 m/s, 1.6 times the speed of sound, which is unrealistic.
So from the comparison of the results for the on-campus flow test and
numerical analysis on Star CCM as well as ANSYS CFX, the conclusion
drawn is that ANSYS CFX does give an approximate prediction to the flow
profile as well as flow speed vector distribution. However more analysis needs
to be completed to both obtain more test data and to predict the flow profile
for speed closer to 15000 RPM.
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CHAPTER 7 CONCLUSION AND FUTURE
WORK
This thesis has presented the electro-mechanical analysis of a 1 MW high-
power-density permanent magnet synchronous machine. The University of
Illinois team is in deep cooperation with NASA to try to double the power
density for electric machines compared to state of the art. To maximize the
power density, a unique design option is put forward. For example, an inside-
out rotor configuration is used to achieve high tip speed. Aerospace grade
materials like titanium grade 5 Ti-6al-4v are used for the material of the
rotor to minimize weight and improve performance. But this design option
also brings lots of challenges to the mechanical analysis and manufacturing.
However, there are more optimizations and trade-off analyses that resulted
in changes in dimensions. For example a trade-off study was completed for
the model to optimize the end plate thickness. Another trade-off study was
conducted for the expansion and the gravity simulation of the mechanical
structure on ANSYS. Many analyses have been performed to constrain the
expansion of the rotor shell. Moreover, when the inertia ratio P turns out
to be close to 1 for the baseline model, trade-off analysis was performed to
find out the better design option to keep the inertia ratio P out of the range
from 0.8 to 1.2. And the rotordynamics analysis on Xlrotor was completed
for both of the design options to come up with the final decision.
Rotordynamics is a complicated and difficult aspect for a high-speed elec-
tric machine especially for rotational speed as high as 15000 RPM. Not only
do many analyses like undamped critical speed analysis, damped natural fre-
quency analysis and imbalance analysis need to be carried out in the design
phase, more tests and analysis are also necessary throughout the manufactur-
ing and testing phase of the project. For example, as the coupler information
from NEAT becomes available, it is put into the rotordynamics model on Xl-
rotor to simulate the actual operation for the whole drive train. After the
rotor is successfully manufactured and assembled, tests like ping test and
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spin test should be performed to evaluate the rotor’s overall condition. As
more components like the coupler and the drive coupler come into play, a
torsion study of the whole system also becomes important to evaluate the
stability of the whole system regarding dynamics and imbalance.
As introduced above, for the past year we have been able to manufacture
a test rotor and send it to Test Device Inc. in Boston to conduct a series of
mechanical tests. A mechanical expansion test was carried out to measure
the expansion at a rotational speed of 15000 RPM. Results match what we
predicted in the mechanical finite element analysis on ANSYS. So the me-
chanical risk was successfully retired. Moreover, more tests were performed
to evaluate the rotordynamics and the fan performance. For the rotordy-
namics test, we are able to generate a final model that could mimic the real
situation more reliably. Lessons were learned about how to set up tests like
ping tests and vibration tests more effectively. Moreover, the importance of
having bearing and coupler information available was well recognized. While
the rotordynamics test successfully proved the reliability of the rotordynam-
ics model on Xlrotor, the fan performance test result was less satisfactory.
However, more tests were conducted on campus to reconfirm our projec-
tion about the test results collected in Boston. Due to the complexity and
difficulty of a CFD analysis trying to simulate the real flow profile in reality,
test results were compared with the CFD results from two simulation plat-
forms including ANSYS CFX and Star CCM. The preliminary conclusion
drawn is that ANSYS CFX does more precisely predict the actual flow pro-
file. However, the on-campus rotor test only reached low rotational speed.
More tests need to be carried out to further validate the reliability of the
CFD analysis and the fan design.
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